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Abstract: This paper investigates the thermal performance of thermoacoustic heat exchangers
subjected to acoustically oscillating flows. The analysis is carried out by experimental measurements
of the heat fluxes sustained by the ambient heat exchanger of a prime mover of the standing wave
type. A home-made parallel-plate heat exchanger is considered for the study. The gas-side convection
heat transfer coefficients expressed as Nusselt numbers are determined over a wide range of velocity
amplitudes of the oscillating flow. The experimental results are then compared to the predictions
of a number of theoretical models currently applied in thermoacoustics such as the time-average
steady-flow equivalent (TASFE) model, the root mean square Reynolds number (RMS-Re) model,
and the boundary layer conduction model. The comparison suggests that the boundary layer model
performs better than the rms-Re and TASFE models in predicting the heat transfer coefficients in
oscillating flows. The relative difference between the model predictions and the experimental data
amounts to 19%. A new correlation law, based on regression of the experimental data, is also proposed.
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1. Introduction

Thermoacoustic (TA) engines are energy conversion devices whose operation relies on the cyclic
heat transfer experienced by an acoustically oscillating gas with the solid walls of a porous medium.
This technology, including prime movers, refrigerators, and heat pumps, has recently received
increasing attention for having high potential to be a reliable, low-cost, and environmentally friendly
technology, with remarkable applications in the renewable energy and waste heat recovery sectors.

Although the theoretical basis of TA systems is well established (the so-called linear theory of
thermoacoustics [1-4]), the behavior of some components has not yet received proper mathematical
modelling. The major of these components is the heat exchanger (HX) for which well-established
design methodologies are still not available. This lack of knowledge derives from the TA HXs being
subjected to oscillatory flows. This means that the fluid particles periodically reverse their direction of
flow over a distance equal to the peak-to-peak particle displacement amplitude. Therefore, an arbitrary
increase in the HX length could not automatically lead to an increase of the heat transfer area but,
eventually, only to an increase of the thermoviscous dissipation [4]. Therefore, when designing efficient
HXs, the HX length must be simultaneously optimized with the pore hydraulic diameter and the fin
thickness (or, equivalently, the HX blockage ratio) in order for the target heat load to be transferred
under a small gas-solid temperature difference in conjunction with low pressure drop [5,6].
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This type of calculation, however, requires the knowledge of the gas-side heat transfer coefficient
as a necessary prerequisite, which, due to the oscillatory character of the flow, cannot be derived from
conventional correlation laws for compact HXs generally referring to steady fluid flows.

There are only a few studies in the literature concerned with the experimental determination of
heat transfer correlations for oscillatory flows and that could serve as a basis for theoretical modelling.

Paek et al. [7] carried out an experimental investigation of the thermal performance of a
parallel-plate HX acting as the cold HX of a TA cooler. A heat transfer correlation in terms of
Colburn-j factor was proposed.

Thermoacoustic coolers were also used by Nsofor et al. [8] and Tang et al. [9] to investigate the
gas side heat transfer coefficient of HXs of the parallel-plate type.

Experiments involving standing wave devices with two identical HXs and no stack in between
were conducted by Kamsanam et al. [10] and Ilori et al. [11] to investigate the thermal performance of
HXs of the parallel-plate type and parallel tube type. The derived correlation laws were expressed in
terms of Nusselt numbers.

All the above studies indicate that steady flow heat transfer correlations for compact HXs could be
not applicable for TA applications, since they may introduce significant errors in predicting the gas-side
convection coefficient. Deviations between experimental data and model predictions as high as 71.3%
were found in [10], although Paek et al. [7] found deviations of about 38% that further decreased by
making improvements in the correlation model. As for the “boundary layer heat transfer model”,
currently integrated in DeltaEC [12] (the main simulation code of TA devices), deviations as high as
114% were found in [7] and as low as 21.5% were found in [9]. The results reported in these studies are
therefore not univocal and need further validation. Therefore, additional experimental investigations
could be useful to expand the range of operative conditions and geometrical configurations.

With this aim, in this paper, an experimental study of the thermal performance of a TA HX is
carried out. The work involves the determination of the heat fluxes sustained by a HX of the finned-tube
type through standard heat balance measurements. This HX functions as an ambient HX of a prime
mover of the standing wave type, a configuration not considered in the above cited investigations and
that needs a specific data reduction. From the experimental data, the gas-side heat transfer coefficient
over a wide range of velocity amplitudes is calculated. A new correlation law expressed in terms
of dimensionless Nusselt number is then derived and compared to a number of theoretical models
currently applied in thermoacoustics. This new proposed correlation could be usefully applied in the
design of practical TA HXs.

2. Experimental Setup

The experimental apparatus used in the present study is entirely homemade and consists of a
thermoacoustic engine of the standing-wave type working with air at atmospheric pressure. A schematic
of the engine is shown in Figure 1. The engine comprises an acoustic resonator (acting as a pressure
vessel and fixing the resonance frequency), a stack (converting heat to acoustic power), an electric
heater (supplying the driving heat to the system), and an ambient HX (extracting a fraction of the input
heat from the engine). The engine starts to oscillate when the temperature difference between the hot
and ambient edges of the stack overcomes an onset value (~350 °C for the experimental conditions of
the present study). The measured resonance frequency is 143.2 Hz when the engine is driven by a heat
input of 150 W.
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Figure 1. Schematic of the standing-wave test engine. Labels “T” indicate thermocouples. Labels “P”
indicate pressure sensors.

2.1. Resonator

The resonator is a stainless-steel duct with a variable cross section profile for inhibiting the harmonic
generation phenomenon [13,14] and for allowing one to match the design operation frequency (~143 Hz)
by a total length shorter than the one required by a straight resonator. It serves to define the working
frequency of the engine and to force the stack to work under an acoustic field typical of a standing
wave (pressure-velocity phase angle ~90°). The resonator is made up of a “hot” duct with a diameter
of 10.5 and a length of 10 cm, a stack holder with a diameter of 10.5 cm and a length of 8 cm long,
a conical-shaped duct with a length of 7.8 cm and reducing the diameter from 10.5 cm to 5.3 cm,
a narrow duct with a diameter of 5.3 cm and a length of 20 cm, and a closed conical-shaped duct
acting as a buffer volume. A pressure microphone (Briiel and Kjeer instruments, type 4938, sensitivity
1.6 mV/Pa) and two piezoelectric pressure transducers (PCB Piezotronics, model 113B28, sensitivity
14.5 mV/kPa) are flush mounted on the resonator walls. They are indicated with labels P1, P2, and P3
in Figure 1.

2.2. Stack

The stack holder accommodates a ceramic honeycomb stack with a low thermal conductivity and
a high specific heat, as required to improve the heat to acoustic power energy conversion efficiency [1].
This stack is characterized by a cell density near 400 cells per square inch (cpsi) and has pores of
squared shape with a hydraulic radius of around 0.28 mm. A picture of the stack is shown in Figure 2.

Figure 2. Magnified view of the stack placed inside the stack-holder.

2.3. Heater

The electric heater, placed between the “hot” duct and the stack holder, is made up of a 1-cm-long
ceramic honeycomb slice. About 3.7 m of a Ni-Cr wire (12 (}/m) are passed uniformly through its
pores. The slice is fitted in one side of a 2-cm-long stainless-steel ring equipped with feedthroughs
for power cables. A Type K thermocouple (error +0.3 °C), labeled as TO in Figure 1, was placed in
the central region of the ceramic matrix (inside a pore). Since the probe touched the wall of the pore,
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it presumably measured the average temperature (Ty) of the wall and oscillating gas. A picture of the
heater is shown in Figure 3.

Figure 3. The heater.

2.4. Heat Exchanger

The homemade ambient HX prototype is a 2-cm-long water-cooled HX of the crossflow type
with four water-tube passes. A 2-cm-thick copper ring with an internal radius of 10.5 cm and an
external radius of 14 cm was used as mechanical support for its manufacturing. The water tubes are
obtained from a unique copper tube having an inside diameter of 14 mm and a wall thickness of 1 mm.
By crushing it, a rectangular cross-section pipe of area 2 cm X 0.5 cm was obtained. This last part was
then bent six times, allowing for four passages in the front section of the HX, as shown in Figure 4.

Figure 4. The finned-tube heat exchanger during the fabrication phase (on the left) and after the
fin brazing.

Fins made of laminated copper were welded to the external walls of the pipe by a brazing
technique. The fin thickness and spacing are 0.45 mm and 1.1 mm, respectively while the HX blockage
ratio (BR), i.e., the ratio of the open to the total cross-section area, is around 54%. Four thermocouples
(Type K) are placed in this HX to measure the temperatures of interest. Two of these thermocouples
(labeled as T1 and T2 in Figure 1) are installed in the water tubing just outside the HX to measure
the inlet temperature (T7) and the outlet temperature (T,) of the cooling water. One thermocouple
(labeled as T3) was suspended through a spacer in the (slightly enlarged) gap between two fins located
in the central region of the HX. It measured the temperature of the gas oscillating inside a pore (Ty).
The other thermocouple (labeled as T4) was glued through a copper spray to the wall of the crushed
copper pipe just near the previous thermocouple. It measured the temperature T of the wall pipe,
which the fins are welded to (i.e., the temperature at the base of the fins).
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The length of the HX along the resonator axis was selected to be 2 cm since preliminary simulations
performed by the DeltaEC code [12] indicated that this length is comparable, at the typical operative
conditions of the present study, to the peak-to-peak particle oscillation amplitude. As for the HX pores,
they were selected to have a hydraulic radius Rj, = 0.5 mm. This should ensure a good thermal contact
between the gas and the HX walls since the thermal penetration depth of the gas, i.e., the distance
through which heat diffuses in an acoustic period

2K
61< = \/;/ (1)

(x and w are the gas thermal diffusivity and the angular frequency, respectively) amounts to 6, ~ 0.22 mm
at the resonance frequency of the engine (f = 143 Hz) so that R;,/0, =~ 2 [15].

A picture of the standing wave engine in place for testing is shown in Figure 5. On the left,
the cylindrical thermally insulating cap filled with rock wool used to minimize thermal leakage from
the hot segments of the engine (“hot duct, electric heater, and stack holder) to the environment is visible.

Figure 5. Picture of the standing wave in place for testing. On the left, the cylindrical thermally
insulating cap filled with rock wool is visible.

3. Calculation Methodology

To estimate the heat transfer rates sustained by the ambient HX and the related gas-side heat
transfer coefficient, a procedure based on standard energy balance calculations was applied. The heat
flux transferred by the HX was estimated from the measured values of the inlet and outlet water
temperatures and of the water volume flow rate, V,, as

Qa = VaPaca(T2 - Tl) (2)

where ¢, and p, are the specific heat and density of water, respectively. This heat flux comprises the
heat flux Q transported hydrodynamically by the acoustic wave along the stack, the heat flux Qg
transported by thermal conduction in the stack (both by the gas and the solid), the heat flux Qx>
transported by thermal conduction by the stack-holder walls and thermal insulating sleeve, and the
heat flux Qg3 originating from dissipation of acoustic power and transported by thermal conduction in
the resonator walls to the ambient HX where it is extracted. Therefore, to estimate Q (which enters in
the calculation of the gas-side heat transfer coefficient), the conduction contribution Qx = Qg1 + Qx2+
Qks3 has to be subtracted from Qu:

Q=04-Qx = Q- (Qk1 + Q2+ Qx3)- 3)
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With this aim, the heat flux (Qx1 + Qx2) was experimentally determined once for all by powering
the heater below the onset temperature of the engine and measuring the thermal load on the AHX.
Results are shown in Figure 6 where (Qg1 + Qk») is plotted against the temperature difference between
the heater, Ty, and the ambient heat exchanger, T4 = (Ts + Tg)/2. As for the Q3 contribution, it was
estimated by simulating the energy fluxes in the engine by the DeltaEC code where the experimental
values recorded by the dynamic pressure sensors P1, P2, and P3 were used as inputs for model
refinements. By this procedure, the Q values resulted about 25% lower than the measured Q4 values.

60

QK'\ +QK2 (W)

i T o T K T ) T
0 100 200 300 400
Te-Ta (°C)
Figure 6. The conduction contribution Qg1 + Qx> to the total heat load on the ambient heat exchanger

(HX) as a function of the temperature difference across the stack.

To make the calculated Q consistent with the inlet and outlet temperatures of water, the Qg
contribution to the inlet—outlet temperature difference was subtracted from the measured values of T,

Qk
Va PaCa

as follows

T, =Ty~ 4)
where T’ is the outlet temperature of water that would be measured if the Qg contribution was absent,
i.e., if the HX was uniquely loaded by the convection heat flux. By this procedure, the T, values
decreased by about 2.5%.

According to Paek et al. [7] and Kamsanam et al. [10], HXs found in thermoacoustic devices
are typically of the crossflow type so the log-mean-temperature-difference (LMTD) method can be
conveniently applied for the calculation of the heat transfer rates. In this method, the overall heat
transfer coefficient, UA, is defined as 0

UA == 5
0. ®)

where 0,,, the log-mean temperature difference, is defined as

T, -T
_ 21 (6)

0 .
ml ln ( Tg_Tl )
Te-T,
Note that in Equation (6), the inlet and outlet temperatures of the primary fluid (the gas) are

the same (Ty), being the flow oscillatory. Once Q and 6, are calculated from the experimental data
through Equations (2)—(4) and (6), they can be substituted in Equation (5) to determine the overall heat
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transfer coefficient UA. The estimation of the gas-side heat transfer coefficient is then done, considering
that for the geometry of the investigated HX, UA has the following expression [16]:

1
UA = ()
1 d 4 1

A T RA

h[Z (HLfi)Ufi+Ah]

where A;, K;, and d are the total inner surface, the thermal conductivity, and the wall thickness of
the copper tube, respectively; h, and & are the water-side and gas-side heat transfer coefficients,
respectively; [T and Ly are the cross section perimeter and half the length of the i-th fin, respectively;
Ay is the total area of the un-finned surface of the tubes; and Nfis the efficiency of the i-th fin, has the

following expression
tanh(mLy;) Kl
ngi= ————— |m= |—

Krand Ay are the thermal conductivity and cross-section area and of the fin, respectively.

: ®)

The application of Equation (7) requires preliminary the determination of the water-side heat
transfer coefficient h,. With this purpose, the HX was immersed in a water bath with temperature
controlled at 50 °C by a refrigerator/heating circulator. This served to maintain the HX in isothermal
conditions while a flow of water at 25 °C was sent to the inlet section of the HX. Taking into account
that the temperature drop across the copper wall of the water tube is negligible (being that the wall is
thin, d # 1 mm, and of high thermal conductivity, K; ~ 400 W/mK), the measured temperature of the fin
base T is assumed to be equal to the temperature of the internal surfaces of the water tube. Recalling
now the energy balance equations for the case of internal flow with constant surface temperature [16],
the measured values of Ty, T, and T allow one to estimate /i, through the equation

ha

_ VapaCa ln( Ts—T ) )

For a water flow rate of 60 I/h, for example, the method furnished the value h, = 2495 + 21 W/m2K
(the indicated accuracy being the standard deviation of measurements).

The measurement uncertainty is estimated on the basis of standard formulas for error
propagation [17]. To increase the accuracy in the measurement of temperature differences (AT),
the thermocouples have been previously calibrated in situ by an environmental test chamber.
This reduced the error in AT to +0.2 °C. The accuracy in the measurement of the flow rate of
water was 0.0048 L/min. The uncertainty on Nusselt number is estimated to be around 20%.

4. Results and Discussion

The heat transfer coefficients estimated as previously described and expressed in terms of
dimensionless Nusselt numbers
hDj,

(Dy, being the hydraulic diameter of the HX pores and K the gas thermal conductivity) are
correlated to the local peak acoustic Reynolds number

Do
Re1:p0 h1/

(11)

po being the mean gas density, n) the dynamic viscosity, and v; the acoustic velocity amplitude
calculated by simulating the standing-wave engine by the DeltaEC code [12] (where the pressure
values measured by P1, P2, and P3 were used for iterative refinements of the model). The experimental
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results are shown in Figure 7 (full circles) together with the regression curve (continuous line) obtained
by fitting the data by the function
Nu = aRe’Pr° (12)

where the values obtained for parameters 4, b, and ¢ were 0.76, 0.44, and 1.67, respectively. Other
correlation laws, derived by heat transfer models currently applied in thermoacoustics, are also shown.

L Nu=0.76 Re44pr*

_| boundary layer conduction model

T T T T
0 500 1000 1500 2000

Re1

Figure 7. Experimentally measured Nusselt numbers (full circles) vs. acoustic Reynolds number
compared to theoretical predictions. Continuous line is the regression curve from Equation (12).

The long dashed line refers to the “boundary layer conduction heat transfer” model proposed by
Swift [3]. The model (implemented in DeltaEC) calculates the heat transfer coefficient & by the relation

K

h =
Yeff

(13)

where g = min {yo, 0«}.

The short dashed line refers to the “time-average steady-flow equivalent” (TASFE) model [18].
This model derives proper heat transfer correlation laws for the oscillatory flow regime by taking the
time average over an acoustic cycle of classical steady flow correlations for compact HX. The Hausen
correlation [16] for laminar flow is considered in the present work:

0.0668(D/LT)PI‘R€D
14 0.04[(D/Ly)PrRep|?®’

Nup = 3.66 + (14)

D being the diameter of the duct, Lt the thermal entry length, and Rep the Reynolds number.
The TASFE correlation resulting from taking the time-average of Equation (14) over half the acoustic
period is

n/w
0.0668(Dy,/ Lyx )PrReq p sin wt
! {3.66+ (Dy/Lix)PrRe; p sinw }dt. (15)

Nup = ~ . 2/3
L J 1+ 0.04[(Dy,/Lux)PrRe; p sin wt]
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The dotted line refers to the “root mean square Reynolds number” (rms-Re) [18]. In this model,
the Reynolds numbers, figuring in conventional steady flow correlations, are substituted by their rms
values. Application of the model to the Hausen correlation provides:

0.0668(Dy, / Lix)Pr (Rey p/ V2)
1+ 0.04[(Dy,/Lyx)Pr(Re; p/ V2)]

Nup = 3.66 + (16)

2/3°

Note that in Equations (15) and (16), the heat exchanger fin length (Lyx = 2 cm) has been arbitrarily
identified with the thermal entry length, Lt, of Equation (14).

An inspection of the figure reveals that the boundary layer conduction heat transfer model
predicts a constant Nusselt number, independent of the amplitude of the oscillation velocity. The model
overestimates the experimental data at low Reynolds numbers (Re < 600) and slightly underestimates
them at high Reynolds numbers (Re > 600).

The TASFE and rms-Re models are able to predict the increase of Nu with Re; but, analogously
to the previous model, overestimate the experimental data at low Reynolds numbers (Re < 300) and
underestimates them at high Reynolds numbers (Re > 300). Furthermore, the Nu number provided by
the rms-Re results slightly higher than that provided by the TASFE model.

For Re; > 300, the relative difference between the model predictions and the experimental data
amounts to 19%, 38%k and 41% for the boundary layer, rms-Re, and TASFE models, respectively.
Therefore, the results of the present study indicate that the boundary layer model performs better than
the rms-Re and TASFE models in predicting the heat transfer coefficients in oscillating flows.

Adapting steady flow correlation laws to oscillating flows by simply taking their time average an
acoustic cycle is probably too crude of an approximation that does not capture the mechanism of heat
transfer under oscillating flows.

5. Conclusions

In this paper, an experimental methodology for the determination of the heat transfer coefficients
of thermoacoustic heat exchangers working under oscillatory flow conditions is developed. The heat
transfer characteristics of a finned-tube heat exchanger was studied over a range of flow conditions.
The Nusselt number evaluated from the experimental measurements was compared to the boundary
layer conduction model, the rms-Re model, and the TASFE model. The comparison suggests that
the boundary layer model performs better than the rms-Re and TASFE models in predicting the heat
transfer coefficients in oscillating flows. The relative difference between the model predictions and the
experimental data amounts to 19%. The deviation of the other two models from the experimental data
is about double.
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